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ABSTRACT 

Computational analysis is performed on a centrifugal compressor fitted with tapered vaneless diffuser in order 

to increase the rate of diffusion. The main parameter involved in the present study is the wall taper angle of the 

diffuser, which is varied from 1° to 6° in the interval of 1°. Simulations are performed for the stationary as well 

as rotating diffuser at a speed of 79,000rpm, by using ANSYS CFX 17.2. By considering the geometry with 

stationary parallel wall diffuser as the base case, the performance enhancement in the characteristics such as 

static pressure recovery coefficient, stagnation pressure loss coefficient, isentropic efficiency, energy 

coefficient and torque coefficient are reported. The flow features in the compressor having various diffuser 

geometries are studied with the help of static pressure, radial velocity, static entropy, and contours of velocity 

streamlines at the design point. Of all the cases of stationary tapered diffusers, the diffuser with 3° taper angle 

showed optimum performance: the increase in isentropic efficiency (η) is by 1.5%, the increase in static pressure 

recovery coefficient (CP) is by about 9% and the decrease in stagnation pressure loss coefficient (CPOL) by 

10.7%. On the other hand, it was found that in the case of rotating diffuser optimum performance: an increase 

of about 40% in CP and decrease of about 32% in CP0L occurred for a taper angle of 6°. However, its efficiency 

decreased by 2.9% with rotating diffuser in comparison with the base case, due to increased energy losses.  

Keywords: Compressor performance; Computational fluid dynamics; Rotating diffuser; Tapered diffuser; 

Vaneless diffuser. 

NOMENCLATURE 

C1u tangential velocity component at 

impeller inlet 

C2u tangential velocity component at 

impeller outlet 

Cp static pressure recovery coefficient 

Cp0 stagnation pressure loss coefficient 

dm mean diameter of diffuser 

fP02 total pressure at impeller outlet 

h static enthalpy 

htot total enthalpy 

m mass flow rate  

P01 total pressure at compressor inlet 

P03 total pressure at diffuser outlet 

P2 static pressure at impeller outlet 

P3 static pressure at diffuser outlet 

Pavg average static pressure 

r diffuser inlet radius 

r0 total pressure ratio 

r2x varying radius of the tapered diffuser 

RVD Rotating Vaneless Diffuser 

S entropy  

SE energy source 

SM momentum source 

SVD stationary vaneless diffuser 

T static temperature 

T01 total temperature at compressor inlet 

T2 torque at impeller outlet 

T3 torque at diffuser outlet 

TRVDX  X° Tapered Rotating Vaneless Diffuser 

TSVDY  Y° Tapered Stationary Vaneless 

Diffuser 

U velocity magnitude 

U1 peripheral velocity at impeller inlet 

U2 peripheral velocity at impeller outlet 

Um mean velocity of diffuser 

Z0_hub standard Z of hub, parallel wall diffuser 

Z0_Shroud changed Z of shroud to model the 

tapered diffuser 

Zhub changed Z of hub to model the tapered 

diffuser 
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ZShroud changed Z of hub to model the tapered 

diffuser 

µ dynamic viscosity 

η isentropic efficiency of compressor 

θ taper angle of diffuser 

λ thermal conductivity 

ρ density  

τ shear stress 

Ψ energy coefficient 

 

 
1. INTRODUCTION 

Several energy and aerospace appliances make use 

of centrifugal turbomachines such as pumps and 

compressors. Significant research efforts 

Hoseinizadeh et al. (2020a); Barbaryan et al. (2019); 

Kohzadi et al. (2018) are found for improving the 

performance of such machines or alleviating the 

problems occurring in them. For example, solutions 

to cavitation issues arising in centrifugal pumps are 

suggested by Hoseinizadeh et al. (2018b); stall and 

surge problems in centrifugal compressor are 

addressed by Powers et al. (2020); Chenxing et al. 

(2020). 

In a centrifugal compressor, a complex three -

dimensional unsteady flow occurs in the rotating 

impeller followed by the stationary diffuser. 

Centrifugal compressor may be fitted with a vaneless 

diffuser, vaned diffuser or both. In the case of a 

vaned diffuser the operating range of the centrifugal 

compressor is lower than the vaneless diffuser. 

Although the operating range of the vaneless diffuser 

is higher than the vaned diffuser, the resulting 

pressure rise is lower. In the present study an attempt 

has been made to increase pressure rise in the 

vaneless diffuser by surface modifications such as 

tapering and by integrating the diffuser with the 

impeller, refer Fig. 1. 

          

 
a) Parallel wall diffuser 

 

 
b) Tapered wall diffuser 

 

Fig. 1. Centrifugal compressor fitted with 

parallel wall diffuser and tapered wall 

diffuser. 

 

The increase in pressure of a centrifugal compressor 

is attributable to the impeller's centrifugal operation 

and the downstream diffuser or volute's diverging 

passages. 

Dean et al. (1960) had experimented by using 

compressor fitted with vaneless diffuser. Authors 

conclude that the flow that enters the diffuser is 

distorted flow profile, hence the compressor 

performance depends on the outlet flow angle of the 

impeller, wall friction and degree of distortion plays 

a vital role in compressor performance. Krain (1988) 

had studied flow in an impeller with backswept 

blades. He concluded that the swirling flow in the 

impeller induces secondary flow and distorted flow 

inside the compressor fluid domain.   

Sun et al. (2016) studied the compressor fitted with 

pipe diffuser. They concluded that vaneless space 

before vaned diffuser smoothens the distorted flow 

profile entering the vaned pipe diffuser. 

The factors which affect the performance of the 

diffuser are impeller diffuser interaction, rotating 

stall and diffuser outflow. Since the flow from 

impeller to diffuser is unstable, three-dimensional 

and non-uniform, the design of the diffuser should be 

such that compressor performance will not be 

affected by these factors. In vaneless diffuser, 

rotating stall is a big problem as there are no vanes 

to guide the non-uniform entry diffuser from the 

impeller. Diffuser outflow should also be monitored 

without wakes, so that no losses occur in downstream 

flow (Volute). Earlier works done with compressor 

equipped vaneless diffuser are discussed below. 

Researchers have tried to solve above mentioned 

problems by increasing or decreasing the width of 

the diffusers and rotating diffusers. These studies are 

discussed below. 

Senoo et al. (1977) had studied different inlet 

conditions and widths of centrifugal vaneless 

diffuser. They concluded the diffuser width effect is 

more on the diffuser flow angle. So, they also 

concluded that the radial velocity component has 

more effect on distorted flow compared to the 

tangential velocity component 

Lindner (1983) had investigated effects of varying 

diffuser diameter ratio, axial stage pitch and blade 

cutback. Depending on the shaft size of the impeller, 

efficiency improved for higher shaft sizes by 

reducing axial stage pitch while by reducing axial 

pitch increases the number of enclosures in case of 

lower and medium shaft size applications, which 

decreases compressor efficiency. He concluded that 

4.5 percent cutback offered better performance and a 

larger cutback of 8.75 percent showed lower 

compressor output. Ferrara et al. (2004) had 

performed experiments in a high-pressure ratio 

compressor to test rotating stall, effect of varying 

width and pinch shape. Various geometries of 

vaneless diffusers are examined with volute. The 

authors concluded that the diffuser working range is 

influenced by varying diffuser width. And they also 

concluded that shortening diffuser does not always 
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boost compressor efficiency, but rather creates 

problems with compressor stability. 

Seven different types of diffusers were studied 

Jaatinen et al. (2011), decreasing the width of the 

diffuser from the hub wall, the shroud wall and both 

sides. The main conclusions taken from their work 

are reduction in secondary flows and an increase in 

compressor performance by reducing diffuser width. 

Ludtke (1983) had worked on parallel wall, narrow, 

constant area tapered and reduced area vaneless 

diffusers. Their results have shown optimum 

performance with tapered diffuser. They also 

concluded that surge of the compressor can be 

improved without changing diffuser without 

modifying impeller of the compressor. Saaresti et al.  

(2009) also performed experiments with reduced 

diffuser. They concluded that the compressor output 

is achieved by reduced width in terms of efficiency 

and pressure increase. Engeda (2002) had carried out 

experiments with different diffuser widths. His 

results showed that by increasing the width of the 

diffuser, there was an acceptable output at lower flow 

levels. The claims of Saaresti et al.  (2009) and 

Engeda statements contradicts one another. 

Since the effect on the diffuser pressure increase is 

lower with decreasing or increasing width of the 

diffuser. Further research is therefore being 

discussed on rotating diffusers. The walls of the 

vaneless diffuser are rotated at the same or different 

impeller speeds. Depending on rotational speed, they 

are classified into two types. In the case of forced 

rotation, the diffuser rotates at the same speed as the 

impeller, which is achieved by the shroud extension 

or trimming of the blades. The other is free rotation, 

with diffusers rotating at different speeds than 

impeller speed known as free rotation.  

Rodgers et al. (1975) were the first authors to 

introduce the rotating vaneless diffuser concept. 

They performed experiments using mechanical 

structures between impeller and diffuser to replace 

the stationary vaneless diffuser by rotating vaneless 

diffuser. Authors concluded that by rotating diffuser 

above speed ratio 0.4, frictional losses are minimized 

and recovery of pressure is good. 

Seralathan et al. (2016) had used low speed 

compressor to numerically test rotating vaneless 

diffuser. They analysed rotating diffuser for various 

extensions of the shroud. The authors concluded that 

the lower percentage of extension has better 

efficiency and lower pressure rise, and vice versa for 

higher extension. Authors have therefore analyzed 

for various shroud extensions and found optimal 

cases. With different speed ratios, the same authors  

Seralathan et al. (2017) analyzed free rotating 

vaneless diffuser. They concluded that their design 

had demonstrated optimum performance by the 

speed ratio of 0.75.  

Fradin (1975) explored theoretical and experimental 

advantages of a low-speed centrifugal compressor 

from a rotating diffuser. They found that 

performance improved by 2% to 4.5% overall 

efficiency. Sapiro (1983) worked on the compressor 

domain of low speed, low pressure ratio, by forming 

vaneless diffuser with trimmed impeller blades in 

specified steps and the method known as extended 

shrouds. The effect of variation of centrifugal 

compressor performance with shroud extension is 

studied as a function of specific speed. The authors 

concluded that the compressor acceptable efficiency 

within flow range, minimal impact on pressure rise 

and almost no effect on the compressor surge flow 

with extended shrouds.  

The forgoing review reveals that very little work has 

been reported on diffusers with variable width and 

rotation.  All research in this regard to date has been 

carried out using low speed compressors. In the 

apparently lone work reported by Porika et al. (2019) 

on high-speed compressor, it is found that the high-

speed compressor with the rotating diffuser having 

parallel walls are less efficient than the compressor 

with stationary wall diffuser.  Thus, the authors are 

motivated to expand their work by tapering the 

diffuser and examining the combined effect of 

rotation and taper on the performance of high-speed 

compressor. This is accomplished by 

1) Modelling a high-speed compressor with a 

parallel wall diffuser used for this study as a 

basis case. 

2) Tapering walls of 1°-6° vaneless diffuser and 

running simulations by taking into account 

stationary tapered vaneless diffuser 

3) Simulations for rotating tapered vaneless 

diffusers for 1°-6° are carried out further at 

last. 

2. COMUPUTATIONAL 

METHODOLOGY 

2.1 Computational Modelling 

The geometry details of centrifugal compressor in 

this study were provided by GTRE (Gas Turbine 

Research Establishment) as shown in Fig. 1 and 

Table. 1. The base case for the current simulations is 

the compressor equipped with the parallel wall 

diffuser. The tapered wall diffusers can be generated 

by varying the hub and shroud profile curves using 

Eqs. (1) and (2). By varying the taper angle (θ) from 

1-6 degrees, in the interval of 1ºtaper six different 

tapered diffusers are obtained for the present study. 

Tapered wall diffuser equations 

𝑍ℎ𝑢𝑏 = 𝑍0_ℎ𝑢𝑏 + 𝑡𝑎𝑛𝜃 ∗ (𝑟2𝑥 − 𝑟2)                        (1) 

𝑍𝑠ℎ𝑟𝑜𝑢𝑑 = 𝑍0_𝑠ℎ𝑟𝑜𝑢𝑑 + 𝑡𝑎𝑛𝜃 ∗ (𝑟2𝑥 − 𝑟2)             (2)    

Compressor is composed of the inlet, impeller and 

diffuser domain. DESIGN MODELER 17.2 is used 

for the modeling of compressor shown in Fig .2.  

Hub, shroud and profile curves are exported to 

ANSYS TURBOGRID 17.2 from ANSYS DM 17.2. 

Topology placement is achieved by using optimized 

method by ATM. The ATM Topology system is set 

to Automatic high rounded trailing edge single 

splitter. Three-dimensional compressor mesh 

domain with enlarged view is shown in Fig. 3. Global 
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size factor, overall expansion rate and passage 

proportional factors are varied until the fine mesh is 

obtained with no negative elements. The mesh is 

refined until the number of bad elements is 0%. 

Shroud tip clearance is given as normal distance. 

Diffuser diameter ratio is kept constant at 1.75 in all 

the modified geometries. 

 

Table 1 Geometry details of the compressor 

Parameters Values 

The radial width of impeller 

eye inlet 
27.55mm 

Impeller inlet radius 18.50mm 

Impeller outlet radius 71mm 

No. of blades 
Main blades – 8 

Splitter blades –8 

Shroud tip clearance 0.3mm 

Diffuser Outlet radius 125mm 

Diffuser Diameter ratio 1.75 

Diffuser axial width 5.23mm 

Design efficiency 80% 

 

 

 
Fig. 2. Schematic centrifugal compressor domain 

 

 

 
Fig. 3. Compressor Mesh domain with 

enlarged view of the blades. 

2.2  Numerical Solver, Governing Equations 

and Boundary Conditions 

The k-ω turbulent SST model is used with a high-

resolution approach to advection. The same 

turbulence model was used previously by 

Mirzabozorg et al. (2016). They achieved optimum 

results in their work. The time factor is set to one 

second. Air as ideal gas is used as the fluid medium. 

Wall condition is imposed for hub, shroud and blade 

surfaces. The reference pressure is given as zero 

atmosphere. A frozen rotor interface is used as an 
interface between the rotor and the stator. The inlet, 

impeller and diffuser side walls are set to periodic 

faces, so that simulations can be conducted through 

a single compressor domain crossing that reduces 

computational cost and time. Figure 4 indicates the 

single passage of the compressor domain. Total 

pressure and total temperature are given as the 

boundary inlet condition while average static 

pressure at the choke point and mass flow outlet per 

component in other working conditions (design to 

stall) is used as outlet boundary condition. 

 

 
Fig. 4. Single passage of computational domain. 

 

Equations (3) to (7) are the mass, momentum, and 

energy governing equations are imposed on the 

compressor ANSYS CFX 17.2 solver.  Simulations 

are assumed to converge when mass, momentum and 

energy residuals fall below 10-5. 

Continuity Equation: 

  
δρ

δt
+ ∇. (ρ, U) = 0                                                      (3)  

Momentum Equation: 

δ(ρU)

δt
+ 𝛻. (𝜌𝑈. 𝑈) = −𝛻𝜌 + 𝛻𝝉 + SM                   (4)  

𝜏 = µ(𝛻𝑈 + (𝛻𝑈)𝑇 −
2 

3
𝛿𝛻. 𝑈                                  (5)  

Total Energy Equation:  

𝛿𝜌ℎ𝑡𝑜𝑡

𝛿𝑡
−

𝛿𝜌

𝛿𝑡
+ ∇. (ρUhtot)

= ∇. (λ. ∇T) + ∇. (U. 𝜏) + 𝑈. 𝑆𝑀

− 𝑆𝐸                                            (6) 

ℎ𝑡𝑜𝑡 = ℎ +
1

2
 U2                                                      (7)  
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2.3   Numerical Validation 

The validation of the numerical solver applied to 

NASA CC3 compressor with vaned diffuser (Klain, 

1997) is shown in Fig. 5. with the experimental 

results (Lurie et al.2011). As illustrated in the graph, 

the agreement between experimental and 

computational values of total to static pressure ratio 

is very good. Hence the numerical solver is used for 

further calculations.  

 

 
Fig. 5. Numerical Validation of present study. 

 
2.4   Grid Independent Study 

Figure 6 shows grid independent study for the 

geometry currently being considered. The ratio of 

coarser, medium, and finer mesh elements is kept as 

1.3 (Grid convergence index). 

 

 
a) Total pressure ratio Vs Mass flow rate 
 

 

 
b) Isentropic efficiency Vs Mass flow rate 

Fig. 6. Grid independent study. 

 

So, a mesh size of 1.7 million elements is considered 

in the simulations for further study 

2.5 Non-Dimensional Performance 

Characteristics 

Following parameters, expressed in Eqs. (8) – (12), 

taken from previous research (Niveditha et al. 2019) 

and (Seralathan et al. 2017), are used to compare the 

performance of various configurations of the 

compressor with the base model.  

Stagnation pressure loss coefficient (CP0L): 

  𝐶𝑃0𝐿 =
𝑃02 − 𝑃03

0.5 ∗ 𝜌 ∗ 𝑈2
2                                                  (8) 

Static pressure recovery coefficient (CP): 

   𝐶𝑃 =
𝑃3 − 𝑃2

0.5 ∗ 𝜌 ∗ 𝑈2
2                                                     (9) 

Coefficient of Torque (CT): 

 𝐶𝑇 =
𝑇3 − 𝑇2

𝛱
16

𝜌𝑈2𝑑𝑜
3

                                                       (10) 

Energy Coefficient (Ѱ): 

 Ѱ =
CU2∗U2−CU1∗U1

0.5∗𝜌∗𝑈2
2                                                   (11) 

Isentropic efficiency: 

𝜂 =

{[(
𝑃03

𝑃01
)

µ−1
µ

− 1] ∗ 𝑇01}

𝑇03 − 𝑇01
                                (12) 

 

P Static pressure 

P0 Stagnation pressure 

T Torque 

T0 Total temperature 

U Peripheral velocity 

μ Dynamic viscosity 

1 Compressor inlet 

2 Diffuser inlet 

3 Diffuser outlet 

3. RESULTS AND DISCUSSIONS 

Unconventional diffuser designs (with the tapered 

walls, the rotating walls and the combined taper and 

rotation) are implemented with the aim to improve 

compressor efficiency and to reduce energy losses.  

The machine with parallel wall diffuser is the 

conventional design and is considered as the base 

case. Three dimensional simulations were carried out 

for both the conventional and modified designs in 

steady state with an impeller speed of 79,000rpm and 

pressure ratio of 3.2. The tapered diffuser is rendered  
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Table 2 Computational matrix of the present study 

Type Parameter 

Inlet boundary Outlet boundary 

Taper angle 

Speed of 

diffuser 

(rpm) 

No. of 

cases 
T0 (°C) P0 (bar) m (kg/s) Pavg (kpa) 

Parallel 

wall 

diffuser 

(base case) 

- 25 0.99 
0.80, 0.78, 0.75, 

0.70, 0.65 

120, 150, 

200, 250 
- - 9 

Tapered 

wall 

diffuser 

Tapered_

SVD 
25 0.99 

0.80, 0.78, 0.75, 

0.70, 0.65 

120, 150, 

200, 250 

1°, 2°, 3°, 4°, 

5°, 6° 
- 54 

Tapered_

RVD 
25 0.99 

0.80, 0.78, 0.75, 

0.70, 0.65 

120, 150, 

200, 250 

1°, 2°, 3°, 4°, 

5°, 6° 
79,000 54 

 

 

 

 
 

  

 
a) Pressure Contour b) Streamwise entropy 

  

   
c) Radial velocity d) Velocity streamlines 

Fig. 7. Contours corresponding to base case (SVD, parallel wall diffuser). 

 

 

by using Eqs. (1) and (2) to adjust the diffuser hub 

and shroud curves.  

The contours corresponding to base model are shown 

in Fig. 7 which are used for the comparison with the 

results of modified geometries. For other 

simulations, the parallel wall diffuser is replaced by 

a tapered wall diffuser. First step, the tapered 

stationary wall diffuser should be simulated. As the 

pressure rise in the tapered diffuser is lower than the 

base case, Additional simulations are given with 

rotating tapered walls. The computational matrix for 

the present analysis is shown in Table 2.  

Non-dimensional performance characteristics are 

plotted to quantify the improvement with modified 

Shroud 

Hub 



P. Niveditha and B. V. S. S. S. Prasad / JAFM, Vol. 14, No. 2, pp. 641-656, 2021.  

 

647 

geometry as compared to the base model. 

Performance characteristics such as static pressure 

recovery coefficient (CP), Stagnation pressure loss 

coefficient (CPOL), Energy coefficient (ψ), 

Coefficient of torque (CT) and isentropic efficiency 

(η) are plotted using Eq. (8) to Eq. (12) in each case. 

The plotted graphs are validated using static pressure 

contours, radial velocity contours, streamwise 

entropy contours and velocity streamlines are plotted 

at the design point in each case discussed in the 

following section. 

3.1   Static Pressure Recovery Coefficient 

(CP) 

The coefficient of static pressure recovery gives the 

pressure recovery in the diffuser. Comparative 

curves between the tapered and parallel wall 

diffusers (SVD) of static pressure recovery 

coefficients are shown in Fig. 8. The pressure 

recovery for the entire flow range of taperedSVD1 

and taperedSVD2 has not improved compared with 

the base model. In taperedSVD1 and taperedSVD2, 

pressure recovery in choke mass flow is less than the 

base case. With taperedSVD3, taperedSVD4, 

taperedSVD5 and taperedSVD6 static pressure 

recovery coefficient (CP) increases for the entire flow 

range. Static pressure recovery coefficient (CP) 

follows a thumb rule: static pressure recovery 

coefficient (CP) increases by increasing the taper 

angle of the diffuser, because of the increase in the 

diffusion field.  

 

 
Fig. 8. Static pressure recovery coefficient Vs 

mass flow rate for Tapered SVD 

            
Increasing static pressure recovery coefficient of 

taperedSVD3, taperedSVD4, taperedSVD5 and 

taperedSVD6 by 2.8% – 9.02%, 8.41% – 11.0%, 

4.66% – 7.86% and 6.34%–37.57% for each of the 

respective flow ranges. The static pressure is higher 

in taperedSVD6 and lower in taperedSVD1 for all 

the operating conditions. Figure 9 displays pressure 

contours of stationary tapered diffuser (1°-6°) in 

blade to blade view compressor domain and 

meridional view of diffuser.  

The same findings can be seen in Fig. 9, as stated in 

static pressure recovery coefficient (CP) Fig. 8: 

Pressure recovery increase with an increase in 

diffuser taper angle. In taperedSVD6, the pressure 

increase is higher and in taperedSVD1 lower. The 

flow area of the diffuser increases with tapering the 

diffuser walls, which decreases velocity and 

increases diffuser pressure. Which is seen from the 

meridional view compared to the base model of the 

diffuser. 

Figure 10 shows the coefficient of static pressure 

recovery of the tapered rotating diffuser 

comparison with parallel wall diffuser. Curves of 

static pressure recovery coefficient (CP) are exactly 

the other way around for rotating and stationary 

tapered diffusers. In the case of a rotating tapered 

diffuser, the higher tapered wall diffuser showed a 

lower pressure recovery and a higher-pressure 

recovery is seen in a lower tapered wall diffuser. 

The rotating walls in the diffuser are adding more 

energy to the diffuser domain as the diffuser flow 

passage increases by tapering the additional energy 

in the diffuser is converted into static pressure 

recovery. For the cases TaperedRVD1-6, static 

pressure recovery coefficient increased by 49,75%, 

48,45%, 47,32%, 47,12% and 47% respectively at 

design flow rate of 0.75kg/s.  

The Fig. 11 shows the static pressure contours of the 

meridional diffuser and the compressor blade to 

blade view corresponding to the rotating diffuser. In 

case of taperedRVD1 and taperedRVD2, the figure 

shows clearly that rotating wakes emerge at the 

diffuser exit. Figure 11 shows secondary flow 

formation in the rotating tapered diffuser exit 

because the rotating tapered diffuser has higher 

pressure recovery as previously stated in Fig. 10 for 

lower taper angle diffuser. In cases of taperedRVD3, 

taperedRVD4, taperedRVD5 and taperedRVD6 

there is no formation of secondary flows. The wake 

regions formation in the rotating diffuser reduces 

isentropic compressor efficiency. 

3.2   Energy Coefficient and Coefficient of 

Torque 

Energy coefficient is defined as the relationship 

between the energy transferred and dynamic head in 

the compressor. At lower mass flow rates, energy 

transfer in design to choke flows is less and higher as 

displayed in Fig. 12. The energy ratio is lower, since 

the velocity is lower at lower flow rates. 

Furthermore, as the rate of flow rises is higher, the 

velocity is higher because of lower pressure, 

resulting in an increased transfer of energy in the 

tapered wall diffuser at higher flow rates. 

taperedSVD1, taperedSVD2, taperedSVD3, 

taperedSVD4, taperedSVD5 and taperedSVD6 drop 

and raise energy coefficients by 2.0%-3.32%, 

1.26%-24.93%, 0,54%-18.15%, 0.03%-24.93%, 

0.76%-15%, and 1.90%-11.58% respectively at 

lower and higher flow rates. 

The contours corresponding to the stationary tapered 

diffuser cases are shown in Fig. 13. Comparison 

between Fig. 13 and Fig. 7(b) indicates clearly that 

in cases of a stationary tapered diffuser the energy 

generation rates are lower. The entropy generation 

for taperedSVD1 is lower and in taperedSVD6 the 

entropy generation is higher compared to the 

baseline geometry Fig. 7(b).  
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a) TaperedSVD1                                                                 b) TaperedSVD2 

 

              
c) TaperedSVD3                                                                    d) TaperedSVD4 

 

                      
e) TaperedSVD5                                                              f) TaperedSVD6 

Fig. 9. Pressure Contours corresponding to tapered SVD. 

 

 
Fig. 10. Static pressure recovery coefficient Vs mass flow rate for tapered RVD. 
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a) TaperedRVD1                                                               b) TaperedRVD2 

 

                
c) TaperedRVD3                                                                   d) TaperedRVD4 

 

                      
e) TaperedRVD5                                                        f) TaperedRVD6 

Fig. 11. Pressure contours corresponding to Tapered RVD. 

 

 
Fig. 12. Energy coefficient Vs mass flow rate.
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a) TaperedSVD1 b) TaperedSVD2 

 
 

c) TaperedSVD3 d) TaperedSVD4 

  

e) TaperedSVD5 f) TaperedSVD6 

Fig. 13. Streamwise static entropy 

corresponding to tapered SVD. 

 

Figure 14 shows the coefficient of Torque (CT) for 

the rotating tapered diffuser. The torque coefficient 

is taken into account when energy transformation 

takes place in the form of rotation for quantitative 

measurement of the energy transfer rate. Coefficient 

of Torque (CT) is lower in cases of taperedRVD1, 

taperedRVD2, taperedRVD3 and higher in cases of 

taperedRVD4, taperedRVD5, taperedRVD6 

compared to the base model. As described above in 

static pressure recovery curves (CP), the pressure 

recovery is greater in the lower taper angle diffuser 

than the higher taper angle rotating diffuser. 

Coefficient of Torque (CT) decreased by 12.21% -

22.06% and by 8.8% -20.77% respectively in 

taperedRVD1 and taperedRVD2. Whereas 

taperedRVD3, taperedRVD4, taperedRVD5 and 

taperedRVD6 increases in their average flow range 

by 8.39% – 17.76%, 13.51%-15.06%, 12.06% – 

24.15% and 9.06-38.81%, respectively. 

The static entropy contours of the rotating tapered 

diffuser case from 1° to 6° are shown in Fig. 15. 

TaperedRVD1, taperedRVD2 and taperedRVD3 

have a lower entropy generation compared to the 

generation of baseline entropy. In all instances, the 

entropy generation of taperedRVD4 is lower. The 

entropy generation is higher for taperedRVD5 and 

taperedRVD6. As more energy is applied to the 

diffuser walls through rotation, the entropy 

generation of the rotating tapered diffuser Fig. 15 is 

larger than the stationary tapered diffuser Fig. 7(b). 

 

 
Fig. 14. Coefficient of Torque Vs mass flow 

rate. 

 

 

 

  
a) TaperedRVD1 b) TaperedRVD2 

  

c) TaperedRVD3 d) TaperedRVD4 

 
 

e) TaperedRVD5 f) TaperedRVD6 

Fig. 15. Streamwise static entropy 

corresponding to tapered RVD. 

 

3.5   Stagnation Pressure loss coefficient 

(CP0L) 

The stagnation pressure loss coefficient (CP0L) is 

defined as the ratio of total pressure change through 

the diffuser to the dynamic head. Figure 16 shows 

stagnation pressure loss coefficient the curves of 

corresponding to stationary tapered diffusers. The 

lowest stagnation pressure loss coefficient was found 

in taperedSVD3 out of all cases. Stagnation pressure 

losses decrease with taperedSVD1, taperedSVD2 

and taperedSVD3 by 2.93%-4.88%, 2.766-2.69%, 
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and 4.762%-11.01% respectively for the entire flow 

range. Whereas in cases of taperedSVD4, 

taperedSVD5 and taperedSVD6 stagnation pressure 

loss coefficient increases by 3.24%-4.12%, 6.94%-

9.71%, and 10.73%-13.36% respectively over the 

operating range of the compressor. Stationary 

tapered diffuser performance curve of stagnation 

pressure losses shows that even 1° of taper- angle 

modification in the diffuser has a significant effect 

on the compressor performance. 

 

 
Fig. 16. Stagnation pressure loss coefficient Vs 

Mass flow rate for Tapered SVD. 

 

 

  
a) TaperedSVD1 b) TaperedSVD2 

  

c) Tapered_SVD_3 d) TaperedSVD4 

  
e) TaperedSVD5 f) TaperedSVD6 

Fig. 17. Velocity Streamlines corresponding to 

tapered SVD. 

 

Figure 17 displays the velocity streamlines 

corresponding to the 1°-6° tapering wall diffuser at 

design flow rates. TaperedSVD3 comprises shorter 

streamlines, which are consistent and resulting in 

lower stagnation pressure losses in taperedSVD3. 

While streamlines of taperedSVD1 and 

taperedSVD2 are uniform and shorter than that of 

taperedSVD4, taperedSVD5 and taperedSVD6 but 

longer than base model streamlines, thus 

taperedSVD1 and taperedSVD2 has more frictional 

losses. The Streamlines are longer and non-uniform 

in the case of taperedSVD4, taperedSVD5 and 

taperedSVD6 than the base model. As it is well 

established, shorter and uniform velocity 

streamlines are preferred over longer and non-

uniform streamlines because to overcome frictional 

losses. 

In Fig. 18 comparison of curves with rotating 

tapered diffuser, stagnation pressure loss 

coefficient is shown. In taperedRVD1 and 

taperedRVD2 stagnation pressure losses in 

comparison with the parallel wall diffuser are 

higher. As for lower angle tapered diffuser, the 

static pressure recovery is higher that the secondary 

flow region is created at the exit of the diffuser. It 

contributes to increased friction losses in the 

diffuser domain. Stagnation losses from design to 

choke are lower for taperedRVD3, although losses 

from design to surge are higher but lower than the 

base model. TaperedRVD6 has lower stagnation 

pressure losses across all rotating tapered diffusers. 

In taperedRVD1, taperedRVD2 pressure losses 

increase by 3%-5.5% and 1.48-8.3% respectively, 

compared to the base model. For taperedRVD3, 

taperedRVD4, taperedRVD5 and taperedRVD6 

stagnation losses decrease by 5% -6.84%, 0.4% -

20.75%, 0.95% -9.96% and 1.73% -32.69% 

respectively compared with the base model. 

 

 
Fig. 18. Stagnation pressure loss coefficient vs 

mass flow rate for tapered RVD. 

 
The comparison between Fig. 17 and Fig. 19 of 

standard and rotating tapered diffuser velocity 

streamlines indicates that velocity streamlines are 

uniform in contrast to the base model velocity 

streamlines with a rotating tapered diffuser. The 

velocity streamlines for taperedRVD1 and 

taperedRVD2 are longer than the reference 

geometry. The velocity streamlines are uniform and 

shorter, as compared with stationary tapered diffuser 
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cases and baseline geometry, in the case of 

taperedRVD3, taperedRVD4, taperedRVD5 and 

taperedRVD6. For all rotating diffuser, the velocity 

streamlines are identical regardless of the diffuser 

taper angle since the diffuser shear forces between 

the walls and the fluid domain are lower by rotating 

walls, which contributes to lower frictional losses in 

the rotating diffuser. 

 

 

  
a) TaperedRVD1 b) TaperedRVD2 

  
c) TaperedRVD3 d) TaperedRVD4 

  

e) TaperedRVD5 f) TaperedRVD6 

Fig. 19. Velocity streamlines for Tapered 

RVD. 

 
Figure 20 shows stationary tapered diffuser 

isentropic efficiency curves. Because Stagnation 

pressure losses in taperedSVD3 are smaller, the 

isentropic efficiency of the compressor improved. 

The Fig. 20 shows that the compressor isentropic 

efficiency increases in taperedSVD1, taperedSVD2, 

and taperedSVD3 by 0.69%-1.62%, 0.53%–2.98%–

and 0.9%–3.45% respectively over operating range. 

For the entire flow range of the taperedSVD4 there 

is no increase or decrease in isentropic efficiency 

performance. The isentropic efficiency is decreased 

by 0.98% -2.71% and 0.95% -4.2% in the case of 

both taperedSVD5 and taperedSVD6, respectively, 

across the operating range. The higher degree taper 

angle at choke point demonstrated low performance 

in comparison with lower degree taper angle 

diffuser. 

The Fig. 21 shows the stationary tapered vaneless 

diffuser radial velocity contours. Out of all cases, 

taperedSVD2 has shown higher radial velocity and 

velocity gradients. The tapering wall of the diffuser 

does not remove slow-flow regions within the 

diffuser on the shroud wall caused by the impeller 

tip clearance. TaperedSVD4, taperedSVD5 and 

taperedSVD6 are seen with slow flow regions at 

the diffuser outlet. Better output out of all cases 

was demonstrated in TaperedSVD1 and 

TaperedSVD3. 

 

 
Fig. 20. Isentropic efficiency Vs mass flow rate 

for Tapered SVD. 

 
Due to the secondary flows in the diffuser which 

are caused by higher pressure gradients and 

additional energy transfer, the isentropic efficiency 

of the compressor is lower in the case of rotating 

diffuser Niveditha et al. (2019). Figure 22 displays 

isentropic efficiency curves which are comparable 

to the tapered rotating diffuser. Since the pressure 

recovery in the lower taper angle is higher and for 

the higher taper angle the pressure is lower CP 

curve RVD Fig. 10, the reverse pattern is observed 

in the isentropic efficiency of the rotating diffuser 

as there is no wake area formation with lower 

pressure recovery. TaperedRVD6 has less 

efficiency than the base model but greater 

efficiency than a parallel rotating diffuser. It is 

therefore possible to conclude that the tapering 

rotating diffuser walls enhances compressor 

efficiency. The isentropic efficiency of 

compressors decreases by 4.8%-14%, 3%-13.03%, 

2.65%-12.8%, 3.4%-8.3%, 5.8%-7.4% and 2.9%-

7.1% respectively over compressor operating range 

in cases involving TaperedRVD1, taperedRVD2, 

taperedRVD3, taperedRVD4, taperedRVD5 and 

taperedRVD6. 

Figure 23 displays the radial velocity contours of the 

1°-6° rotating tapered diffuser. The wake region was 

not shown in the diffuser domain with a higher taper 

angle diffuser. At the exit of the diffuser domain with 

lower taper angle diffuser wake regions are formed.  

Radial velocity in taperedRVD3, taperedRVD4, 

taperedRVD5 and taperedRVD6 is uniform 

compared to taperedRVD1 and taperedRVD2 

rotating tapered diffusers. 
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a) TaperedRVD1                                                          b) TaperedRVD2 

 

             
c) TaperedRVD3                                                          d) TaperedRVD4 

 

                   
e) TaperedRVD5                                                          f) TaperedSVD6 

Fig. 21. Radial velocity corresponding to Tapered SVD. 

 

 
Fig. 22. Isentropic Efficiency Vs Mass flow rate for tapered RVD. 
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a) TaperedRVD1                                                          b) TaperedRVD2 

 

 

                       
c) TaperedRVD3                                                           d) TaperedRVD4 

 

                     
e) TaperedRVD5                                                              f) TaperedRVD6 

Fig. 23. Radial velocity corresponding to Tapered RVD. 

 
 

4. CONCLUSIONS 

Computational studies on a centrifugal compressor 

running at 79,000rpm and delivering a pressure ratio 

of 3.2 are reported. It is shown that the optimum 

unconventional diffuser designs, with the tapered 

walls, the rotating walls and with the combined taper 

and rotation, provided improved performance over 

the conventional parallel wall diffuser design for the 

centrifugal compressor. The key findings of the 

current study are summarized in the following: 

1. Static pressure recovery increases by increasing 

the diffuser taper angle. By rising the taper 

angle of the diffuser, flow region increases 

which leads to decrease in flow velocity and 

increase in static pressure rise. 

2. Stationary diffuser with 3ᵒ tapered wall had 

shown an optimum      performance by increase 

in the pressure-ratio and efficiency by 10.7% 

and 1.59% respectively.  

3.  Slow flow region on shroud wall of diffuser 

caused due to the impeller tip clearance could 

not be controlled by tapering the diffuser. 

4. In the rotating tapered diffuser cases, static 

pressure recovery is higher compared to the 

base case of stationary parallel wall diffuser. 

With the adding of more energy to the diffuser 

domain, out of all rotating tapered diffuser 

cases, taperedRVD1 is higher and 

taperedRVD6 has a lower pressure recovery. 

5. The case of taperedRVD6 has shown very little 

formation of secondary flows inside the diffuser 

domain. Further the stagnation pressure losses 

are lower by 32% compared to base case 

because of uniformity in streamlines. Thus, the 

performance of rotating tapered wall diffuser is 

far superior to the rotating parallel wall diffuser.   
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