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ABSTRACT

The outlet blade angle is a key geometrical parameter that governs how the impeller directly influences
centrifugal pump performance. Therefore, a reasonable angle selection is crucial. To investigate the effects of
the outlet blade angle on centrifugal pump internal flow field characteristics under cavitation conditions, this
study employs a combination of a modified SST k-w turbulent model with a Zwart-Gerber-Belamri cavitation
model to perform transient flow simulations. Outlet blade angles of 15°, 20°, 25°, 30°, and 35° were tested.
The results indicated that as the outlet blade angle increased, the relative liquid flow angle, vapor volume, and
corresponding fraction first increased, then decreased, and finally increased again. Meanwhile, the
distribution scope of each stall vortex on the suction surface became smaller, then larger, and smaller again,
whereas the scopes of the pressure surfaces grew constantly as the outlet blade angle increased. Pressure
fluctuations at all monitored points in the volute became weaker over time, and variations in the pressure
fluctuations alternated with the outlet blade angle. The main frequency amplitude increased and the frequency
doubling decreased as the outlet blade angle increased. Although the energy corresponding to the main
frequency was unstable, it consistently held the dominant position. The duration that cavitation compliance
was less than O first decreased and then increased as the outlet blade angle increased. For the impeller with an
outlet blade angle of 25°, stall vortices accounted for the smallest regions, and the duration of negative
cavitation compliance was minimized. In this case, the overall performance of the centrifugal pump was
optimal.

Keywords: Centrifugal pump; Outlet blade angle; Cavitation; Net positive suction head available; Net
positive suction head required; Computational fluid dynamics.

NOMENCLATURE

b2 impeller outlet width Ns specific speed

bs volute inlet width NPSHa  net positive suction head available

Cp pressure coefficient Q flow rate

Ds pump inlet diameter Qu design flow rate

Dd pump outlet diameter Q/Qq relative flow rate

Dj impeller inlet diameter t time

D2 impeller outlet diameter z blade number

Ds base circle diameter P inlet blade angle

Da volute outlet diameter 52 outlet blade angle

H head ® blade wrap angle

K cavitation compliance n efficiency

1. INTRODUCTION widely employed in various engineering fields.

When the local pressure is less than the saturated

Centrifugal pumps are important components of vapor pressure, cavitation (a type of complex
hydraulic machinery (Su et al. 2021), and they are multiphase flow) may occur in the centrifugal pump

(Ennouri et al. 2019). Under most operating


http://www.jafmonline.net/
mailto:zhaowg@zju.edu.cn

Y.Y.Wang etal. / JAFM, Vol. 16, No. 2, pp. 389-399, 2023.

conditions, cavitation induces harmful effects and
can have detrimental consequences. Cavitation
causes intense variations in dynamic performance,
thereby destabilizing the internal flow. Meanwhile,
the operation efficiency of the centrifugal pump
decreases significantly (Grist 1998). Additionally,
cavitation erosion can trigger destruction of the
blade surfaces, leading to long-term damage
(Biryukov et al. 2022).

The geometrical parameters of an impeller have a
significant effect on the centrifugal pump’s internal
flow field characteristics and variations. Numerous
investigations have focused on these relationships.
For example, Elyamin et al. (2019) discussed the
effects of different numbers of blades on one
centrifugal pump’s performance. They found that
the head and efficiency were higher with seven
blades relative to five or nine blades. Matlakala et
al. (2019) performed numerical simulations to
study the effects of various blade diameters (2000,
2200, and 2400 mm) on centrifugal pump hydraulic
performance. As the blade diameter increased, the
head and flow rate also increased gradually.
Donmez et al. (2019) presented parametric
discussions regarding the role of the inlet blade
angle on the centrifugal pump cavitation
performance. They observed that upon increasing
the shroud blade angle from 20° to 30°, the
performance improved significantly. However,
further increasing the angle from 30° to 50° led to
an opposite variation. Moreover, increasing the hub
blade angle had a negative effect on the
performance. Shi et al. (2013) examined the effects
of different impeller outlet widths (9, 10, 11, and 12
mm) on deep-well centrifugal pump performance.
As the outlet width increased, the head and power
of single stage also increased gradually. Moreover,
optimal efficiency was observed under high flow
rate conditions, and the efficiency value decreased.
Wang et al. (2016) analyzed the impact of various
turbine blade inlet widths (13, 16, and 19 mm) on
centrifugal pump performance. As the width
increased, the flow rate, efficiency, shaft power,
and pressure head all increased. Bozorgasareh et al.
(2021) investigated how impellers with different
bladelets affected the centrifugal pump hydraulic
performances. Their results indicated that an
impeller with a 90° bladelet angle exhibited
significantly enhanced performance.

The outlet blade angle is another critical parameter
that can influences centrifugal pump internal flow
field characteristics. Bacharoudis et al. (2008)
evaluated centrifugal pump hydraulic performances
with various outlet blade angles. They observed
that the performance curves became smoother and
flatter as the outlet blade angle increased.
Mohammadi and Fakharzadeh (2017) studied the
effects of various outlet blade angles on the
hydraulic performance of a multi-pressure pump.
Numerical and experimental results revealed that
maximal head and efficiency were obtained with an
outlet blade angle of 30°. Shigemitsu et al. (2011)
discussed the effects of the outlet blade angle on a
mini centrifugal pump’s internal flow fields and
hydraulic performance; they found that head
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increased gradually as the outlet blade angle
increased and the blade thickness decreased.
Shojaeefard et al. (2012) evaluated the role of the
outlet blade angle in governing the variations in the
centrifugal pump head and efficiency; both of these
parameters improved at an outlet blade angle of 30°
compared with 32.5° of angles <27.5°. Zhang et al.
(2020) analyzed the radial force variations of
impellers with different outlet blade angles. The
force increased as the outlet blade angle increased
under constant flow rate conditions. Peng et al.
(2020) discussed the influence of the outlet blade
angle in preventing overload in a centrifugal pump.
Their results indicated that the power curve could
be controlled to restrain the overload by
appropriately reducing the outlet blade angle.

However, under cavitation conditions, the effects of
different outlet blade angles on the centrifugal
pump internal flow field characteristics require
further investigations. This report describes
numerical simulations of cavitation flow in a low
(specific) speed centrifugal pump with various
outlet blade angles. We evaluated variations in
hydraulic and cavitation performances, distributions
of stall wvortices, pressure fluctuation, and
centrifugal pump stability to determine the degree
to which the outlet blade angle affects centrifugal
pump internal flow field characteristics under
cavitation conditions.

2. THEORETICAL BACKGROUND

2.1 Fundamental Equations

In the numerical simulations, water is the primary
phase and vapor is the secondary phase, together
comprising a homogeneous fluid. Phase change
occurred between water and vapor. The continuity,
momentum, and transportation equations used in
this work (Ferziger et al. 2019) are expressed in
Egs. 1-3, respectively,

oo, , 0(Pat) _ &)
ot OX;
) 0 U
opat)  Opntits) 0 o au) (@
ot 0X; X OX; OX;
0 u;
a(pmaval)_*_ ('Dma‘/ J) =m‘—-m (3)

ot OX

]

where pm is the mixture density, kg/m3; u is the
mixture velocity, m/s; x is the coordinate;
subscripts i and j are between 1-3; t is time, s; p is
pressure, Pa; um is the mixture dynamic viscosity,
N-s/m?; av is the vapor volume fraction; m* is the
evaporation source term; and m- is the condensation
source term.

2.2 Turbulence Model

An SST k-w turbulence model is employed to
determine the turbulent flow in the low (specific)
speed centrifugal pump. This model combines the
advantages of near-wall treatments of a k-« model
and the ability to solve the outer region of a k-¢
model. Moreover, this model accounts for turbulent
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shear stress transportation and can therefore
provide a detailed prediction of flow separation
under various pressure gradient conditions.
Therefore, the SST k- model is suitable for
predicting high rotational speeds and strong
separate flows (Wilcox 1994, Wilcox 2008).
Overall, the precision and credibility of this
approach are high.

However, the density gradient is particularly sharp
in the cavitation region, which means that there is
compressible two-phase flow. Therefore, a general
SST k-w turbulence model for fully incompressible
flow cannot accurately predict cavitation evolution.
Thus, the model was modified according to the
density function f(p) defined in Eq. 4,

f(p)=p+ PPl g @
(pl_pv)
And the turbulence viscosity xt defined in Eq. 5,
k
=f(p)— ®)
m="1(p)=

where pv is the vapor density; k is the turbulent
kinetic energy; w is the dissipation frequency; and
n is a constant (herein taken as 10) (Coutier-
Delgosha et al. 2003). This modified method has
been verified and validated using diverse cases,
e.g., cavitating flow in a Venturi tube (Decaix and
Goncalves 2013) and around the hydrofoil (Dular et
al. 2007).

As shown in Table 1, user-defined formulas are
input to the equation editor built into the CFX
system. Specifically, the formula mut is loaded via
the pathway, “Flow Analysisl—Fluid Models—
Advanced Turbulence Control—Eddy Viscosity”,
to appropriately modulate the viscosity coefficient
in the SST k-w turbulence model.

Table 1. User-defined formulas

Name Formula
Py 0.02308 kg-m3
Pl 997 kg-m
oy Vapor volume fraction
k Turbulence Kkinetic energy
w Specific dissipation rate
mut (ov+(pi—pv)*(1—aw)0)* (k/w)

2.3 Cavitation Model

The Zwart-Gerber-Belamri (Z-G-B) cavitation
model (Zwart et al. 2004) is employed to simulate
phase changes. This model assumes that the density
of cavitation nuclei remains constant. The flow
parameters are the weighted averages of two-phase
(i.e., water-vapor) flow parameters. The source
terms are defined as shown in Egs. 6 and 7,

3anuc (l_av)pv 2 p,—P

’ Ry 3 p

(6)

m*=C

p<p
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where Ry is the cavitation bubble radius (1x10°6 m);
pv is the saturated vapor pressure; onuc iS the
cavitation nucleus density (herein taken as 5x10%);
and C. and C. are empirical coefficients, which are
equal to 50 and 0.02, respectively.

3. NUMERICAL SIMULATION SETUP

3.1 Physical Model

A low (specific) speed centrifugal pump refers to a
centrifugal pump with a specific speed of ns= 30—
80 (Chen et al. 2022). The performance parameters
of the centrifugal pump used in this work include
the flow rate Q = 8.6 m¥h, head H = 4.0 m,
efficiency n = 42%, and specific speed ns = 32. The
main geometrical parameters are presented in Table
2.

To investigate the effects of different outlet blade
angles on the centrifugal pump’s internal flow field
characteristics under cavitation conditions, we
evaluate various angles: 15°, 20°, 25°, 30°, and 35°.
In the numerical simulations, the corresponding
centrifugal pump models are labeled as M1, M2, Ms,
and My, respectively, and the original pump model
is denoted as Mo.

Table 2. Main geometrical parameters of the
original low-speed centrifugal pump (Mo)

Parameter Value | Parameter Value
Ds 90 B 25
Dq 65 P 175
Dj 85 Z 6
D> 310 D3 320
b 12 b3 22
B 37 D4 350

3.2 Mesh Generation

Hexahedral structured meshes are generated using
ANSYS-ICEM to enable the discretization of the
centrifugal pump computational domain. The
benefit of this approach is its high solution
efficiency, which shortens the computation time.
To ensure accuracy, y* is introduced to capture
boundary layer flow details (Tu et al. 2007). For the
SST k- turbulence model, the value of y* should
be less than 1; in the present study, the maximum
value is 0.5. The physical models of various
components and the corresponding meshes are
depicted in Figs. 1 and 2, respectively.

Model Mo is used as an example to perform a mesh
independence check and sensitivity analysis. As
shown in Table 3, the head gradually increases at
first and then decreases as the total number of
elements increases. Variations in efficiency
followed an identical trend. The maximum relative
errors for head and efficiency are <0.97% and
<1.7%, respectively. These findings indicate that
the total number of elements has a negligible effect
on the numerical simulation results. To optimize
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the computing resources, Scheme C (number of
elements = 2365846) is selected for subsequent
numerical simulations.

Rear chamber

Volut

-

>

Front chamber §

Fig. 1. Physical model of the low (specific) speed
centrifugal pump components.
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Front chamber Rear chamber

Fig. 2. Generated meshes of key components.

Table 3. Mesh independence check and
sensitivity analysis.

Total
Scheme number of H n
elements
A 2070238 4,12 55
B 2161665 4.13 56
C 2365846 4.17 57
D 2481249 4.15 59
E 2601985 4.13 57

3.3 Boundary Conditions and Numerical

Simulation Methods

Numerical simulations of the transient cavitation
flow inside the centrifugal pump are performed
using the commercial software, CFX. The static
pressure and the mass flow rate are set as inlet and
outlet boundary conditions, respectively. The inlet
pressure is modulated to simulate various degrees
of cavitation development. The saturated vapor
pressure is set as 3540 Pa, and the vapor volume
fraction is assumed to be O at the centrifugal pump
inlet. All wall surfaces are non-slip. For the steady
simulation, the interface between the rotating and
stationary domains is set as a frozen rotor.

A finite volume method is applied to discretize the
governing equations, and the advection term is
solved via high-resolution discretization. The
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turbulence numeric is solved using a second-order
model. Steady results are taken as the initial
conditions for transient simulations. The transient is
then solved using a second-order backward Euler
function. The time required for a 3° rotation of the
impeller is set as the time step (here, 0.001 s).
When the monitored parameters exhibited periodic
changes, the results could be used for transient
investigations.

4, ALGORITHM VERIFICATION AND
VALIDATION

Cavitation performance experiments for the original
centrifugal pump are conducted, and the
experimental results are compared with the
analogous numerical simulations to verify and
validate the reasonableness and robustness of the
constructed algorithm.

The experimental rig (Fig. 3) comprised a motor,
torque meter, visualized centrifugal pump, vacuum
pump, inlet/outlet pressure gauges, electromagnetic
flow meter, valve, water ring vacuum pump, water
tank, and vacuum meter.

Figure 4a shows the model centrifugal pump and
Fig. 4b depicts the impeller. High-precision sensors
are employed to ensure credible experimental
results. The key parameters related to these devices
are presented in Table 4.

2.
—
®

5)

(O

9
D ®), = @
2 w—

(1): Motor; (2) Coupling; (3) Torque meter; (4) Visualized
centrifugal pump; (5): Outlet pressure gauge (6):
Electromagnetic flow meter; (7): Outlet valve; (8): Inlet
pressure gauge; (9): Inlet valve; (10): Water ring vacuum
pump; (11): Water tank; (12): Vacuum meter.

Fig. 3. Schematic picture of the experimental rig.

These experiments reveal the head and efficiency
under designed operating conditions and the head
under cavitation conditions for the model
centrifugal pump, as shown in Figs. 5 and 6,
respectively. Meanwhile, corresponding numerical
simulations are carried out to enable quantitative
and qualitative comparisons. Under designed
operating conditions, the maximum relative error
for head is < 2% and that for efficiency is 2.3%.
Notably, these errors are only 0.6% and 1.2%,
respectively, under the designed operating
conditions. Under cavitation conditions the error for
head is 3.2%. They agree well. Moreover, the
simulated distributions of cavitation bubbles under
different net positive suction head available
(NPSHa) conditions are consistent with the
corresponding experimental outcomes, as shown in
Fig. 7. The developed numerical algorithm
therefore exhibited high reasonableness.
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(@) (b)
Fig. 4. Physical models of the experimental centrifugal pump: (a) original centrifugal pump; (b)
impeller.
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Fig. 5. Hydraulic performance curves under
designed operating conditions.
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5. RESULTS AND DISCUSSION

5.1 Variations of Hydraulic and Cavitation
Performances

Figure 8 shows the variations in the head and
efficiency of the centrifugal pump with five outlet
blade angles under diverse flow rates and designed
operating conditions. The outlet blade angle has a
significant effect on the centrifugal pump’s
hydraulic performance relative to the original
configuration. The head varies between —7.1% and
+5.36%. Under identical flow rates, the head
increases as the outlet blade angle increases. The
main reason for this phenomenon is that the

(3) NPSH,=2.33m
(@

(4) NPSH,=0.17m

O

(2) NPSH,=3.15m

(1) NPSH,=3.56m

(3) NPSH,=2.33m
(b)
Fig. 7. Distribution of cavitation bubbles in the

impeller: (a) experimental results; (b) numerical
simulation results.

(4) NPSH,=0.17m
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Table. 4 Parameters for devices

Device Position Type Accuracy (%) Range
Pressure gauge Inlet Pressure +0.25 0.1-0.1 MPa
Outlet Pressure +0.25 0-1.6 MPa
Flow gauge Outlet Flow rate +0.5 3.5-50 m¥h
Torque detector Motor shaft Speed +0.2 0-800 r/min
Motor shaft Torque +0.2 0-50 N'm
dynamic head and absolute velocity circumferential 45
component at the impeller outlet increases with PR
increasing outlet blade angle. The efficiency varies Z!;éﬁ :
between —4.1% and +4.16% and generally 404 %
decreases as the outlet blade angle increases under %
all flow rate conditions. The primary reason for this "
is that the flow channels between different blades T 3549
become shorter and more curved as the angle !
increases, thereby increasing the diffusion angles ? — 0= B=15°
between adjacent blades. These relationships result 3044 o B0
in significant hydraulic losses. s jv'.'.ﬁfizo
=
Similar variations in terms of head and efficiency - < - §,=35°
are observed as a function of NPSHa under 2'50_0 02 04 06 08
cavitation conditions, as shown in Fig. 9. For NPSH
identical NPSH,, the head increases and efficiency @ ‘
decreases as the outlet blade angle increases. 62
Compared with the original centrifugal pump, the
head varies between —4.24% and 4.15% and
efficiency varies between —6.79% and 7.81%. As -0 -
the outlet blade angle increases, the NPSHa remains LR -“:—:gf-;:._;‘i; 0= =g
under 3% when the head drop conditions are 0.048, 8‘""2“@
0.047, 0.039, 0.042, and 0.05 m, respectively. The <
impeller with an outlet blade angle of 25° exhibits 56 -
the best cavitation performance. —o— §,=15°
&+ p=20°
54+ —0 = p=25°
- =30°
- < - §,=35°
52 ; . . .
0.0 0.2 0.4 0.6 0.8
NPSH,
(b)
Fig. 9. Variations in (a) head and (b) efficiency
under cavitation conditions.
fv ,I:Z:ZZ \é Owing to the limited control of the blades, liquid
Lo ﬁ;%o movement trajectories have certain deviations.
32+— : : : : : : Nevertheless, the relative liquid flow angle has less
04 06 08 10 12 14 16 of an impact than outlet blade angle on cavitation
QM performance. Five schemes are analyzed to evaluate
(@) the effects of relative liquid flow angles on
707 B cavitation performance in the presence of various
R,;jf_)g:'-’" g outlet blade angles. As shown in Fig. 10, when
. //;g,;-" outle_t blfide_ angle increa;es from 15° to 35°, the
?;{_;,"' relative liquid flow angle increases, then decreases,
e and increases again. The vapor volume and vapor
50 ////.,X" volume fraction exhibit analogous trends.
"
d;,"f‘ —Cm f,=15° 5.2 Variations in the Distributions of Stall
104 4 =N B,=20° Vortices
—0 - py=25°
¢ - 2:3:0 Figure 11 shows the distribution of stall vortices in
- - O =350 the impeller middle span with NPSHa = 0.08 m.
04 06 08 10 12 14 16 Numbers 1-6 indicate different flow passages,
0, while letters A-F denote stall vortices near the
(b) impeller inlet and letters a-f represent stall vortices

Fig. 8. Variations in (a) head and (b) efficiency
under designed operating conditions.

394

on pressure surfaces. For an outlet blade angle of
15°, stall vortices A-F are attached on suction
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Fig. 10. Variations in the relative liquid flow
angle, vapor volume, and vapor volume fraction.

© (d)

Fig. 11. Distributions of stall vortices in the
impeller middle span (NPSHa=0.08 m) where g,
is (a) 15°, (b) 20°, (c) 25°, (d) 30°, and (e) 35°.
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surfaces. They are long and narrow along the flow
direction of the passages. Stall vortices A and B are
longer than one half of the blade length. Stall
vortices at pressure surfaces begin to form and
influence the flow fields; however, the distribution
scope is small. For an angle of 20°, stall vortices A-
F on the suction surfaces shrink along the flow
direction, while the thickness increases. In contrast,
stall vortices a-f on the pressure surfaces extend to
the impeller outlet and are generally thin. When the
angle is 25°, stall vortices A-F continue shrinking
along the flow direction and decrease in thickness.
The distribution scopes of stall vortices a-f become
larger. With an angle of 30°, stall vortices A-F
become slightly longer. The affected regions of
stall vortices a-f continue to enlarge, especially in
passage 2. At an angle of 35° the distribution
scopes of stall vortices C and D are smaller,
whereas for the other vortices, variations are
relatively slight. Meanwhile, the scopes of stall
vortices a-f become the largest. Thus,
comprehensive analyses reveal that stall vortices
influence the smallest regions when the outlet blade
angle is 25°.

5.3 Variations in Pressure Fluctuation

From section | to section VIII (Fig. 12), eight points
are arranged and labeled as P1, P2, Ps3, P4, Ps, Ps, P7,
and Ps. Pressure fluctuations at these points are
monitored to investigate the effects of different
outlet blade angles.

o= -

5
p o8 Vi

Ayl
-~

P.

Fig. 12. Monitored pressure fluctuation points in
different sections.

Figure 13 shows three-dimensional distributions of
the pressure coefficient for all monitored points.
Over time, the pressure coefficient at each
monitored point shows periodicity with six
maximal and minimal values, corresponding to the
blade number. Fluctuations at P1 are the strongest,
and those at Ps are the weakest. Pressure coefficient
fluctuation decreases gradually from Pi1 to Ps.
Owing to intense mutual interference between the
rotating impeller and stationary volute, pressure
fluctuations are mainly generated at the volute
tongue; for P1 and Ps, they are closest to the volute
tongue. Corresponding variations in the pressure
coefficient are significant. However, the laws are
different. The height of the volute channel at P1 is
only 7.1 mm, and therefore, when water is ejected
from the impeller outlet to the volute (which is one
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spiral structure), the Kinetic energy of water
instantly becomes potential pressure energy.
Moreover, periodic collisions of water streams in
the impeller channel cause intense fluctuations in
the pressure in the volute. However, this pressure
decreases as the volute channel area increases.
Point Ps is located at the volute channel outlet, and
thus, the direction of high-energy water recovers by
the volute does not change. As a result, pressure
coefficient fluctuation is the weakest at this point.

Fig. 13. Three-dimensional distributions of
pressure coefficients at (a) P1, (b) P2, (c) Ps,
(d) P4, (e) Ps, (f) Pe, (9) P7, and (h) Ps.

From the y-axis perspective, variations in pressure
coefficient also show periodicity. The number of
cycles corresponds to values of NPSHa (0.054,
0.080, 0.288, and 0.492 m). Under different NPSHa
conditions, pressure coefficient fluctuations are
consistent. As shown in Fig. 14, a few small
cavitation bubbles form in the impeller channels.
Therefore, they have negligible impacts on
variations in the flow field, internal flow, or high-
frequency energy. In contrast, these bubbles
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increase the head, thereby further improving the
hydraulic performance, as shown in Fig. 10. For P,
Ps, Ps, and Pz, the pressure coefficient increases as
the outlet blade angle increases. For P2, P4, Pe, and
Ps, the corresponding variations are less significant.

99

29

O
Fig. 14. Distributions of vapor volume fractions
(NPSHa= 0.08 m) where g, is (a) 15°, (b) 20°, (c)
25°, (d) 30°, and (e) 35°.

There are 30 points on the y-axis, and every five
points comprise a group. Each point represents a
different outlet blade angle (i.e., 15°, 20°, 25°, 30°,
or 35°). There are also five groups that represent
different cavitation development conditions (i.e.,
NPSHa. = 0.054, 0.080, 0.288, and 0.492 m or
designed operating conditions).

The effects of cavitation on pressure fluctuations
are reflected by the frequency. Therefore, variations
in pressure at P1 are analyzed via fast Fourier
transform for NPSHa = 0.08 m under designed
operating conditions with different outlet blade
angles. The results reveal the effects of cavitation
on  pressure  pulsation  energy.  Spectra
corresponding to Pi1 under different outlet blade
angles are shown in Fig. 15. There are clear
differences in amplitude between 0-50 Hz under
cavitation versus designed operating conditions (see
points A, B, C, D, and E). Overall, the amplitude
fluctuations under cavitation conditions are more
significant. As the outlet blade angle increases, the
amplitude also increases significantly because stall
vortices attached to blade surfaces in the impeller
channel distort the water trajectory. When high-
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pressure water leaves the impeller outlet and enters
the volute, it is impacted significantly. The water
flow trajectory swing becomes more intense, which
leads to irregular fluctuations of pressure.
Meanwhile, the amplitude of the main frequency
increases as the outlet blade angle increases. When
the angle is 35° it exceeds the amplitude of
frequency doubling, which indicates that energy for
frequency doubling is more stable. Although the
energy for the main frequency is very unstable, it
still occupies a dominant position. This is because
the volute cross-domain is small, which induces a
rapid change in energy when high-energy water
enters the volute. As a result, amplitude distortion
of the main frequency is observed.
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Fig. 15. Spectral diagrams of P1 with outlet
blade angles g, of (a) 15°, (b) 20°, (c) 25°, (d) 30°,
and (e) 35°.

In Fig. 15, the radial direction represents amplitude
(range = —0.15 to 0.25), and the circumferential
direction corresponds to frequency (range = 0-500
Hz). Black lines indicate cavitation development
conditions under NPSHa = 0.08 m, and blue lines
indicate designed operating condition.

5.4. Variations in Centrifugal Pump Stability

Cavitation compliance reveals the relationship
between vapor volume and the absolute pressure of
the monitored point, as defined in Eq. 8.

_ Ve @)
i
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where K is cavitation compliance, Ve is vapor
volume, p is the pressure of the monitored point
(for our simulations, it is at the blade inlet).

This relationship is analyzed to evaluate the
stability of the centrifugal pump under different
cavitation development conditions. When K <0, the
pressure in the flow field decreases, causing
bubbles to collapse. Then, the extra space is filled
by water around the cavitation bubbles, thereby
further reducing the pressure and causing the
environment to deteriorate. Under these conditions,
the centrifugal pump is unstable.

Figure 16 shows cavitation compliance variations
in one cycle for different outlet blade angles. The
compliance alternates, which indicates that
cavitation bubbles induce unstable flow fields
oscillations. When the outlet blade angle is 15° or
35°, K exhibits particularly significant variations. In
one cycle, K < 0 at many instances, and thus, the
centrifugal pump is especially unstable. At angles
of 20° or 30°, the variations are relatively weaker
and account for less time. When the angle is 25°,
variations are the weakest and fewest, and the
centrifugal pump is stable.

6. CONCLUSION

This study employs numerical simulations to
investigate cavitation flow in centrifugal pumps
with various outlet blade angles. Variations in
hydraulic and cavitation performance of the
centrifugal pump, stall vortices in the impeller
middle span, pressure fluctuations in the volute, and
cavitation compliance are discussed to evaluate the
effects of the outlet blade angle on a centrifugal
pump’s internal flow field characteristics. The main
conclusions from this work are as follows:

(1) Under both designed operating and
cavitation conditions, head increases and efficiency
decreases as the outlet blade angle increases. The
relative liquid flow angle, vapor volume, and
corresponding volume fraction first increases, then
decreases, and finally increases again as the outlet
blade angle increases.

(2) As the outlet blade angle increases, the
distribution scopes of stall vortices on suction
surfaces become smaller, then larger, and smaller
again. Meanwhile, the scopes of vortices on
pressure surfaces continuously increase.

(3) At the volute inlet, pressure fluctuations at
all monitored points become weaker over time.
Variations in pressure fluctuations alternate as the
outlet blade angle increases.

(4) The amplitude of the main frequency
increases and that of frequency doubling decreases
as the outlet blade angle increases.

(5) As the outlet blade angle increases, the time
during which cavitation compliance is less than 0
first decreases and then increases.

(6) When the outlet blade angle is 25°,
centrifugal pump achieves its best performance: it
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Fig. 16. Variations in cavitation compliance for outlet blade angles g, of (a) 15°, (b) 20°, (c) 25°, (d) 30°,
and (e) 35°.

has the smallest distribution scopes of stall vortices
and the fewest moments when cavitation
compliance is less than 0.
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