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ABSTRACT

Disk friction loss (L) plays an important factor in the performance of the low-
specific speed (Ng) centrifugal pump. Reducing the rear axial clearance (Cs )
is profound method to lower the L, and improve the efficiency of pump (). In
this research article, a low N, = 19 rpm centrifugal pump was evaluated using
computational fluid dynamics (CFD) and experimental analysis at different
1000, 900 and 800 rpms over a range of flow rates (Q). Two models: Model A
with original Cy, , of 23 mm and Model B with reduced C;, , of 1 mm were
analyzed. To grasp the knowledge about internal flow physics, the pressure
contours, velocity contours, velocity vectors and streamlines have been
thoroughly studied. CFD results were found in good agreement with the
experiments performed on the test setup. The experimental improvements in n
at their respective best efficiency points (BEP) were determined to be 3.94%,
3.91%, and 2.81% for 1000, 900, and 800 rpms respectively. While an average
3.43%, 1.79% and 0.76% improvement in head (H) was obtained for 1000, 900,
and 800 rpms respectively. Considering the lower disk friction coefficient (C,;,)
and power loss (P,) due to L, the Model B works optimum at higher rpm.

1. INTRODUCTION depicts the industrial electricity demand in 2022 by

various end users.

Historical records indicate that Asian and other
ancient civilizations have been using pumps since 1000

Before Common Era (BCE) (Wilson, 1982). In this regard,

pumps can be regarded as among the first known 100%
techniques for transferring energy to fluids for

transportation. The pump is a type of general rotating

machinery used in many different industries, including 75% I

water supply, water drainage, agricultural land irrigation,
and so forth. To transfer the fluid a centrifugal pump uses
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(~47% of total emission) by 2023 (IEA, 2023). Figure 1
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NOMENCLATURE
Acronyms
BCE Before Common Era Q flow rate
BEP Best efficient point T refinement factor
CFD Computational fluid dynamics R radius of impeller
CO, carbon dioxide T torque
GClI Grid Convergence Index u velocity
PLC Programmable Logic Controller k surface roughness
RANS  Reynolds Average Navier-Stokes Greek Symbols
SCADA Supervisory Control And Data Acquisition A difference
SST Shear Stress Transport n overall efficiency
TWh tera watthours u viscosity
VFD Variable Frequency Drive p density
Symbols w angular velocity
Cn disk friction coefficient Subscripts
C, clearance space h hydraulic
N, specific speed DF Disk Friction
Ips liter per second EXP  experimental
D diameter of impeller a axial
e error d design
F force ext extrapolated
H total head fine  fine
L losses max  maximum
N rotational speed min minimum
P power r rear
. T asa Others
Industrial Motor Energy Use z
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Fig. 2 Industrial motor-driven systems energy usage
(reconstructed) (Ahmed & Creamer, 2024)

In modern industries, motor-driven devices consume
about 65% of the electricity used in the sector in 2022.
Over the past decade, electricity consumption by motor-
driven devices has increased almost 60% (630 tera
watthours [TWh]) and likely to be increase in future.

These motor-driven devices include various drives for
pumps, fans, material handling, processing, compressed
air systems, and other applications. As per Fig. 2, one can
see that pumps accounts for more than 24% of the energy
used by industrial motor-driven systems. Furthermore,
over 50% of the potential energy savings from motor
powered pumps can be attributed to duty cycle fluctuation,
Affinity Laws, inherent losses, and frequent oversizing of

0% 10% 20% 30% 40% 50% 60%
Energy saving potential

Fig. 3 Industrial motor-driven systems energy saving
potential (reconstructed) (Ahmed & Creamer, 2024)

pump systems as depicted in Fig. 3. This emphasizes how
important it is to concentrate on increasing pump
efficiency. The creation of a new generation of energy-
efficient pumps and pump systems is greatly influenced by
this energy saving potential. Even, various government
and regulatory bodies are working on setting the standard
for the advancement of energy-efficient pumps and energy
savings.

Being an energy operated machine, the output of the
centrifugal pump will be always less than the input power
owing to the losses. As shown in Fig. 4, the pump losses
are basically classified into two parts: (1) external losses
and (2) internal losses. The mechanical losses accounts for
the external losses which occur at the bearing and shaft
seals due to the improper lubrication. These losses can be
reduced by using the improved bearing. Internal losses are
further divided into hydraulic losses and secondary losses.
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Fig. 4 Pump losses — location, reason and effect

The hydraulic losses develop in the flow zone of
pump due to the fluid friction between impeller and volute.
The secondary losses are sub divided into the leakage
loses due to the seal leakage and disk friction losses (L)
due to the axial clearance space (C; ) between the shrouds
of the impeller and volute (Gulich, 2019). To reduce the
hydraulic losses and leakage losses one needs to use
highly smoothed impeller and volute. The location of each
loss in pump where it occurred, the reason and its
contribution in various types of losses are mentioned in
Fig. 4. All the methods applied to reduce the mechanical
as well as, hydraulic and leakage losses will add more cost
and requires major modification in existing design of
pumps. Gulich (2003) research highlights that L, have a
significant impact on the efficiency of centrifugal pumps
having low or moderate-specific speed (N,). For a low-
specific speed pump (N, = 10 rpm), power loss (P,) due to
Lpr, typically accounted for about 50% of the useful
power, whereas for high-specific speed pump (N, = 30
rpm), this fraction was reduced to approximately 5%.
Hence, further studies need to be done to reduce the Ly
on a pump having low N.

Various reserachers have tried to improve the
performance of centrifugal pump by varying the geometry
of the impeller (Iversen, 1955; Shimosaka, 1959; Raheel
& Engeda, 2005); profile, angle and geometry of blades
(Shirinov & Oberbeck, 20114, b; Choi et al., 2013; Chen
et al., 2024); geometry of side channels as well as other
geometrical parameters. A very few authors have explored
the impact of reducing C; on Lpr (Sixsmith, 1913;
Badami, 1997; Raheel & Engeda, 2005; Horiguchi et al.,
2008). Will et al. (2012) experimentally and numerically
studied the flow dynamics of a moderate-specific speed
(Ng = 22.8 rpm) centrifugal pump using balancing holes.
Their study found that balancing holes reduces the

pressure gradients and axial force (F,,) by introducing
centripetal inward flow, which diminishes recirculation in
the rear axial clearance space (C, ). Ayad et al. (2015)
investigated the effect of C, . on a specific speed (N =
28.7 rpm) centrifugal pump performance using numerical
simulations. They found that reducing Cs,, by 3 mm
improves the head (H) from 3.15 m to 5.9 m, overall
efficiency () from 40% to 47% and slip factor from 0.7
to 0.84. Similarly, Cao et al. (2015) studied the effects of
varying C; , - by 0.20 mm for a centrifugal pump of N, =
45.2 rpm through model tests and simulations. Simulation
results show that for each increment of 0.20 mmin Cy .,
reduces n by 4.67%. Pehlivan and Parlak (2019) simulated
the effect of C,,, wear ring and balancing holes on a
single suction closed centrifugal pump with N, = 22.6
rom. Compared to the 51.5% n,, at 40 mm C, ., the rise
inn, of 46.2% was obtained at 5 mm Cj , .. Adistiya and
Wijayanta (2019) demonstrated that C,,, directly
influences recirculation flow within a pump, affecting
rotor stability, shaft integrity, and overall performance.
Their calculations revealed that reducing C,,, from
0.02025 inches to 0.020 and 0.019 inches improved
hydraulic efficiency (n;) from 28% to 29% and 36%,
respectively, highlighting that smaller C , - enhances the
hydraulic  performance. Streamline and pressure
distribution in a Ny = 24.7 rpm centrifugal pump for with
and without C;,, were examined using k-o turbulence
model by Zheng et al. (2020). In the volute, reducing the
Csqr led to a lower pressure with a decrease in pressure
fluctuation amplitude by 56.38% to 65.34%. Inaba et al.
(2021) investigated the effect of narrowing C,, and
reducing Lpr on flow structure of centrifugal pump
impeller using experimental and computational approach.
Each approach supports that the vortex in the Cs, - has a
remarkable effect on reducing the Lpr under slightly
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inward flow conditions. Jin et al. (2022) examined the
influence of C;,, flow rate (Q) and impeller rotational
speed (N) on Ly using F, . for a centrifugal pump (N, =
23.4 rpm). The outcome indicates that by reducing the C ,
from 0.5 mmto 0.1 mm, it lowersthe Ly as F, . increases
by nearly 74%. Peng et al. (2022) studied the effect of
varying Cs ., (0.10, 0.22, 0.42 and 0.62 mm) on hydraulic
performance of Ny = 45.2 rpm centrifugal pump. Results
found from the numerical simulations indicates that
reducing C,,, from 0.62 mm to 0 mm, leakge flow rate
from the volute into the front pump cavity reduces by
52.87% and from the front pump cavity back to the
impeller inlet by 66.21%. The volumetric loss
performance numerical analysis of a low-specific speed
(Ng =18.2 rpm) pump was done by Kim et al. (2023) using
water as well as various viscosity crude oils for varying
Csqr from 0.25 to 1.00 mm. Volumetric loss decreases
with smaller C , ., dropping from 0.0023 kg/s at 1 mm to
0.0015 kg/s at 0.25 mm for viscous fluids. To assess Lpg
and internal flow of the clearance flow channel, Maeda et
al. (2024) numerically investigated the clearance flow
channel, which replicates the clearance flow on the rear of
the centrifugal impeller by utilizing rotating disks in a
closed chamber. Results showed that the fin reduced L,
by separating the clearance flow and increasing
circumferential velocity.

The available literature highlights the importance of
pump performance improvement by reducing the L, by
lowering the Cs , . Although, these numerical as well as
experimental research is mainly concentrated on higher N
pumps. Experimental investigation of low-specific speed
N, pumps are very rare in literature. Further, To the best
of the authors' knowledge, none of them offered
techniques that could be simply integrated into current

low-specific speed N, pump designs without requiring
major adjustments. Hence, the main aim of this research is
to investigate the effect of reduction in Ly, for low-
specific Ny pump by reducing the C;, .. In this research
article, two models were considered for Computational
Fluid Dynamics (CFD) and experimental analysis: Model
A with original C; 4 ,- of 23 mm and Model B with reduced
Csqr OF 1 mm. A low-specific speed (Ng = 19 rpm) pump
was evaluated at different rpms (1000, 900 and 800 rpm)
and various flow rates for both the models. The article is
arranged as follows: Section 2 provides the CFD
simulation methodology and results for both the models.
Section 3 represents the experimental procedure,
description of experimental test setup and instruments
used during experiments, while Section 4 compares and
validates the CFD and experimental results. The overall
finding in terms of the conclusion is presented in Section
5 along with the scope of future work.

2. CFD SIMULATION ANALYSIS

2.1 Geometry of the Centrifugal Pump

In this numerical investigation, a low-specific speed
(Ng =19 rpm) single stage centrifugal pump shown in Fig.
5 is used. This centrifugal pump has design flow rate (Q,)
of 17.5 Ips, head (H,) of 21 m and speed (N,) of 1450
rpm. The selected pump has single axial suction as well as
vane less volute having inlet diameter of 67 mm. The
impeller has inlet diameter of 100 mm and outlet diameter
of 260 mm with 15.5 mm impeller width. The 5 mm thick
shroud of the impeller was machined. The five backwards
curved blades with 3.4 mm thickness are at 21.7° inlet
angle. The electric motor of 11 kW and 2905 rpm was used
to drive the pump.

Front Shroud of Impeller

Back Cover Plate

Back Shroud of Impeller

Fig. 5 Geometry of the analyzed centrifugal pump
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Fig. 6. The designed computational model consists of
volute, front clearance volume, back clearance volume,
impeller and inlet as well as outlet pipe. General industrial
practice suggest that the inlet and outlet pipe length should
be four times of the diameter of the impeller (D) to ensure
the flow stability at pump inlet and pump outlet in CFD
simulations. If the sufficient lengths are not taken then in
simulations sudden abrupt flow changes will be observed
and it will not give the clear idea of the flow analysis
(Ayad et al., 2015; Cao et al., 2015; Zheng et al., 2020;
Zhu et al., 2012). The geometry of the original pump was

Bk ! Front modelled using the available technical specifications. To
ac v ron - - .

Clearance Tmpeller Volute  Clearance I;Ict |d_ent|fy the effect of lowering the C,, on th_e Lp, two
volume volume 'pe different models were analyzed: Model A with original

Csqr (23 mm) and model B with reduced C; . - (1 mm) as
Fig. 6 Computational fluid model of centrifugal pump shown in Fig. 7. To minimize the L,s, a specially
designed cavity filling ring shown in Fig. 8 is used to
reduce the gap between the back cover plate and back
2.2 Computational Model and Mess Generation shroud which minimizes the C; , .. The cavity filling ring
is modelled based on the shape and geometry of the back

Using the Ansys Workbench® the computational axial clearance between back cover plate and back shroud.

fluid model of selected pump was designed as shown in

Change in fluid

domain in rear

axial clearance
space

Model A Cavity Filling Ring Model B

Fig. 7 Computational fluid model of centrifugal pump for Model A and Model B

22

1 .
ALL DIMENSIONS ARE IN mm

(a) (b)

Fig. 8 Cavity filling ring (a) geometrical dimensions (b) computational model

@260
@250
@200
@170
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Fig. 9 Unstructured tetrahedral and hexahedral mesh used for meshing the flow domain

Considering the complex geometry of the problem,
an unstructured tetrahedral mesh was used for the
impeller, volute and cavity filling ring volume, while
unstructured hexahedral mesh was used for the inlet as
well as outlet pipe regions as shown in Fig. 9. Mesh
quality was verified using the aspect ratio and orthogonal
quality techniques for accurate results. The unstable three-
dimensional incompressible Reynolds-averaged Navier-
Stokes equations (RANS) served as the governing
equations. The following is the primary format for

governing equations:

aui

%, 0 @)
L

d d
7t (pu;) + I (puiuj)

Xj
_ 0, 0 aw) 2
- axi ax] H ax] i

where x; is the components in i direction, u; are the
average velocity components in i direction, S; is the source
term. As per the research done by Wilcox (1994; 1988),
the k — w model assumes that the turbulence viscosity u,
is function of the turbulence kinetic energy k and turbulent
frequency w as below:

p=pe ®)

Under the isothermal conditions of 25°C, the CFD
analysis was carried out with water as fluid. The multi-
reference frame technique was used with impeller in
rotating reference frame and volute with other domains in
fixed reference frame. The Frozen Rotor quasi-steady
algorithm with 360° pitch angle on both sides of the
interface was used to connect these frames. The k — w
Shear stress transport (SST) model in ANSYS CFX was
employed to solve the RANS equations due to faster
convergence and good agreement with the experimental

results. In addition, the resolution of the near wall for low
Reynolds flows number is a benefit of the conventional
k — w model. Because it does not depend on the intricate
non-linear damping functions needed for the conventional
k — £ model, it is also more accurate and stable (Osman et
al., 2022). At the inlet of the pipe mass flow rate and at the
exit of the outlet pipe static pressure was defined. The
empirical value of 5% turbulence intensity was
considered. Under the no slip conditions for wall
boundaries, the convergence criterions were set to RMS
10-5. For the accurate selection of grid scheme, the grid
convergence index (GCI) method is used to check the
convergence of the grids (Abernethy et al., 1985; Celik et
al., 2021; Li et al., 2023). Total three groups of grid
schemes with grid element numbers 2.2 x 105, 0.62 x 10°
and 0.14 x 10° were taken with corresponding shaft power
characteristics parameters. The grid refinement factor (r,
and r3,) between the grid schemes is 1.106 and 1.156,
respectively. Taking the shaft power as evaluation criteria,
the extrapolated relative error (e2l,) is 0.011% and fine
GClI (GClfg,) is 1.394%. Hence, 2.2 x 10° grid element
numbers are selected due to the discrete errors in the grid.
In addition to minimize the computation time, the
mesh/grid independency test was performed for Model A
at 1000 rpm and highest efficiency point to determine the
optimum number of mesh elements as shown in Fig. 10.
The number of mesh elements was ranged in 0.15 million
to 3.03 million. For the evaluation criterion, the mean
difference of H and n was considered. At last, the 2.2
million number of dependent mess elements and
corresponding mesh size were selected for which the mean
difference of H and n was within £1%.

3. EXPERIMENTAL METHODOLOGY

3.1 Fabrication of Model B

For Model B, a cavity filling ring manufactured using
the dimensions and shape as shown in Fig. 8 was applied
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Fig. 10 Mesh/grid independency

to Model A. This cavity filling ring was attached on the
back cover plate of the pump which lowers the C, ;- to 1
mm from 23 mm in Model A. This ring design varies from
the pump to pump as the shape and size of the Cg,,

(@)

between back shroud and back cover plate depends on the
volute and impeller geometry of the pump as well as
challenges associated with the manufacturing. The
manufactured cavity filling ring is shown in Fig. 11 (a),
while its attachment on back cover plate is shown in Fig.
11 (b). Wood was selected to fabricate the filling ring as it
is easy to manufacture and can be easily fitted on back
cover plate using simple joints. In addition, it provides
comparatively smooth surface without disturbing the
dynamic operations of the pump at lower cost.

3.2 Overview of the Experimental Test Set Up and
Data Collection

The experiments were carried out on an open-loop
type test bench, as shown in Fig. 12. This test bench was
established to investigate the hydraulic and dynamic
performance of the centrifugal pumps at the Fluid
Mechanics and Fluid Machine Laboratory, Sardar
Vallabhbhai National Institute of Technology, Surat as

(b)

Fig. 11 Actual experimental view of (a) manufactured cavity filling ring and (b) attachment of ring on back cover
plate
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Fig. 12 Schematic diagram of the open-loop test bench
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Electro Magnetic flow meler

—

Fig. 13 Actual experimental vieW of the open loop test bench

depicted in Fig. 13. To measure the Q of the pump 0 to 60
Ips ranged an electromagnetic flowmeter
(Endress+Hauser-Promag 10 make) with accuracy of
+0.5% FS was used. For the evaluation of the H, 0 to 780
mm of Hg ranged pressure transmitter (Honeywell/ST-
700 make) was installed at inlet of the pump while -14.7
to 500 PS ranged another pressure transmitter installed at
the outlet of the pump with an accuracy of £0.065% FS for
both transmitters. The pump out-flow was controlled with
a control gate valve. The rotating speed of the model pump
was controlled by a variable frequency drive (VFD) unit
connected with the electrical motor of the pump. Non-
contact type rotary torque sensor (Honeywell-1703 make)
with an accuracy of +0.25% was utilized to measure the
input T. To measure the N of the pump, a speed sensor
was installed on the setup. The flowmeter and pressure
transmitters were calibrated by comparing it using
standard temperature/electrical calibrator as well as
pressure calibrator, while torque sensor was calibrated
against dead weight torque test rig with calibrated lever
arm and SS force weights. The input power (P;) of the
pump was measured by neglecting the electrical motor,
VFD drive, and transmission losses. A programmable
logic controller (PLC) supported by supervisory control
and data acquisition (SCADA) software was integrated
into the system for effective monitoring and accurate data
collection of the flow rate and pressure measurements.
The power input (P;), power output (P,), and n is
calculated using following equations (Stepanoff, 1957):

2nNT
1~ 60000 @
P,=981xQxH (5)
p,
n = <E) x 100 (6)

2

-

For the accurate evaluation of the Model A and
Model B performance, the experiments were performed
for various rotational speeds 1000, 900, and 800 rpm. To
cover the complete operating range of Q, the operating
valve was opened fully for highest flow rate (Q,.x ) to the
partial closing off the valve until the minimum flow rate
(Qmin = 5 Ips) as per manufacturer’s pump data. Total of
153 test runs were performed in three sets to determine the
repeatability in results at 1000 (total of nineteen @), 900
(total of seventeen @), and 800 rpm (total of fifteen Q) for
data collection accuracy. In this section, the arithmetic
mean value of the performance parameters (H,T and 7)
was considered for comparison. The change in
performance parameters between Model A and Model B
were evaluated and compared at respective Best
Efficiency Point (BEP). Additionally for better
comparison, the disk friction coefficient (C,,) and P, due
to L are calculated as follows (Poullikkas, 1995):

% (Coar/R)" .
tn=(3) o ©)
P, =CpXpXw®xR® (8)

The statistical internal uncertainty associated with the
performance parameters were ended up in the range of
+10%.

4. COMPARISON AND VALIDATION OF CFD AND
EXPERIMENTAL RESULTS

4.1 Experimental Results

Figure 14, 15, and 16 shows the variation in H, T and
n vs Q for 1000, 900, and 800 rpm to compare the Model
B with Model A. As the Q increases, the H reduces and T
increases for particular rpm following linear trend for both
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Table 1 Experimental percentage improvement in H, reduction in input T and enhancement in 1 at Q,,.o, @ep
and Q,,.;, conditions for all rpms

T . : Flow Conditions (in Ips
Performance Variation (in %) |Rotational Speed (in rpm) (in Ips)
Qmax QBEP Qmin
H®) 1000 9.11 | 343 | 3.72
900 483 | 1.79 | 1.13
800 3.23 | 0.76 | 0.41
T (}) 1000 0.12 | 0.47 | 0.61
900 056 | 1.39 | 1.86
800 121 | 232 | 3.14
n1) 1000 8.93 | 3.94 | 4.20
900 547 | 391 | 3.93
800 423 | 281 | 331
< Model A T Model A ~ Model A O Viedel A L Model A A Madel A
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Fig. 14 H vs Q curve for 1000, 900 and 800 rpm
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Fig. 15 T vs Q curve for 1000, 900 and 800 rpm

Model A and Model B. While,  increases till respective
BEP and then reduces. Also, as the rpm increases from 800
to 1000 rpm, H, T and n has higher values at constant Q
for both the models. One can observe that at 1000 rpm
performance of pump improves reasonably in Model B in
compare to Model A at any constant Q. Also, the pump
exhibits the maximum enhancement in performance
parameters at Q,,,q, in order of Qggp, and Q,,in-

Q{ps) ——=

Fig. 16 n vs Q curve for 1000, 900 and 800 rpm

These can be understood as for the Model A,
clearance flow in C; , . at the impeller entrance generates
the high-speed leakage to strike with low speed
mainstream. This collision results in vortices and
generates the reverse flow. This flow reversal obstructs the
freely flow of the impeller and increases the input T. In
addition, these vortices formation disrupts the operation of
the pump near the fluid mixing zone creating more H loss.
In Model B, lower C,, . restricts the re-entrance of the
fluid in volute reduces the flow separation and maintain
the more uniform smooth flow reducing the input T. Also,
reduction in recirculation of fluid imparts more efficient
transfer of hydraulic energy from the impeller leading to
the improved H. These increment in H and decrement in
T, ultimately enhances the 7. The percentage
improvement in H, reduction in input T and enhancement
in 1 at Qpgxs Qpep, and Qi conditions for all rpms is
represented in Table 1.

Figure 17 shows the variation in C,, for a range of
Cs o /R starting from 0.177 at Cs , - = 23 mm to 0.008 for
at Cs4r = 1 mm for all the rpms. The variation curve
illustrates the same inline trend curve for all the rpms until
the theoretical boundary layer thickness of the impeller
(Csar/R =0.06). Further for a constant C;,,./R, the Cp,
reduces slightly as the speed of the pump varies from 800
rpm to 1000 rpm. The effect of C,, on energy loss analysis
using the P, is displayed in Fig. 18. The variation in P,
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with Cs , -/ R follows the same trend curve of C,,, as shown
in Fig. 17. Also, as the speed of the pump varies from 800
rpm to 1000 rpm, P, increases which is evidential from the
Eg. (2). However, the deviation in P, for over a whole
range of C;,./R at all rpms is similar (~26.91%). This
study demonstrates how increases in Cs, /R cause the
recirculation region to widen, which in turn causes
increases in L. Moreover, because of the wall's viscous
effect, the recirculation area was reduced to a smaller
extent than the boundary layer thickness, which results in
increases in Lpg.

4.2 Validation of CFD Results

To verify the accuracy of the CFD model, the
performance characteristic curve for Model A at 1000 rpm
is compared with the experimental observations as shown
in Fig. 19. Both the CFD and experimental curves displays
the same trend for all the performance parameters which
is in line with the classical theory of turbomachinery.
Average differential percentage in H, T and n were found
to be 2.8%, 3.6%, and 3.9%, respectively. For better
comparison, percentage change in head (%4H) and
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(%A4n) in Model B compare to Model A are represented in
Fig. 20 and 21 respectively. The %AH in CFD and
experimental observations are almost similar while
%A4n are large in CFD results. This can be understood as
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developed Model B in CFD completely ignores the fluid
flow loss caused by the clearance flow in the pump while
during the experiments there were some losses may still
occur however small Cs,, may be. These good
agreements in results for both the models ensure the
accuracy of CFD simulation for more detailed internal
flow field analysis.

4.3 Internal Flow Field Analysis

For the better understanding of the clearance flow
phenomena due to lowering the C,,, and subsequently

reducing the L, on performance of pump, various tools
available in flow field analysis of CFD are used. Figure 22
and 23 shows the static pressure distribution in the middle
and end span of the pump at different flow rate conditions
(Qmax> Qpep and Q,,;,,) for Model A and B at 1000 rpm.
As the flowrate reduces, the pressure in the pump
gradually improves from the impeller inlet to the outlet of
volute increasing the H for both the models which is
mainly reflected in the value. The increase in pressure rise
was continuously seen in all important zones, including
the rear clearance area (at Q,,q = 17.96%, Qggp = 27.58%
and Q,,in = 2.37%), and impeller departure (at Q. =
11.25% , Qggp = 33.82% and Q,,,;, = 1.04%), rather than
being restricted to any one place. In comparison of Model
B to Model A, the pressure increment distribution was
much smoother at Qggp () compared to the Q,,,, and
Qmin- Further, the local pressure distribution in the volute
was relatively disordered for Q,,4, and Q,,;, conditions.
A similar phenomena was noted by various researchers
(Majidi, 2005; Zhou et al., 2013; Gao et al., 2014).

The absolute velocity distribution in the middle and
end span of the pump at different flow rate conditions
(Qmax: Qgep and Q,,,;,,) for Model A and B at 1000 rpm is
depicted in Fig. 24 and 25. The velocity reduction in the
rear clearance area (at Q.4 = 83.23% , Qggrp = 93.75%
and Q,,i» = 58.96%), and impeller departure area (at Q,,qx
= 19.36% , Qggp = 16.94% and Q,,;,, = 22.5%) was
obtained, respectively. Under various flowrates, the large
difference in velocity distribution between impeller inlet
and outlet was observed. Operating the pump from Q.4
t0 Qnin, the velocity in the volute reduces. This reduced
velocity attributes to the more conversion of kinetic
energy into potential energy in terms of pressure and head,
which is evidential from Figure 22 and 23. Also, due to
the reduction in interference effect at the impeller outlet
flow separation was reduced.

To get the clearer picture about the performance
improvement, velocity vectors and streamline distribution
in the upper half of end span of the pump at different flow
rate conditions (Q,nax, Qpep and Q) for Model A and
B at 1000 rpm is depicted in Fig. 26 and 27. The fluid is
transported radially outward by centrifugal forces created
by the impeller's rotational motion. However, because of
continuity, the fluid flow creates a circulating flow in the
Cs o as it returns radially inward along the casing wall in
Model A. Large C,,, causes the water flow to become
turbulent and the boundary layer to split which generates
the core flow in back clearance space. While in the Model
B for all the flow rate conditions, the flow separation in
the clearance space was reduced indicating the positive
effect on the mainstream of the pump. Also, the
smoothness of the flow in Model B imparts the reduction
in impaction effect at the tongue of the volute shows the
improvement in performance. At the same time, the front
side clearance space's velocity decreased in magnitude. As
a result, the experimental results show that the boundary
layer that is thrown off the shroud can transmit its energy
to the main flow, which will ultimately result in an
increase in delivery pressure as shown in Fig. 22 and 23
while reduction in velocity as shown in Fig. 24 and 25.
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Experimental and CFD investigation of the lower N,
pump was done to investigate the effect of reduction in
Lpr by lowering the C , .. Model A with original C; , ,- of
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In comparison of Model A, Model B exhibits the
great performance improvement in both the analysis.
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As the C;,, is reduced in Model B, the reverse
clearance flow is restricted leading to the less
entrapment and more uniform pattern fluid flow
which increases the conversion rate of kinetic energy
to pressure energy. This efficient conversion
improves H and n for all the rpms over a range of
flow rate, while reduces the required input T. The
average improvement in H was 4.49%, 1.85% and
1.31% while in n 4.77%, 3.59% and 2.98% was
observed in Model B in compare of Model A, for
1000, 900 and 800 rpm respectively.

In compare to the other rpms, Model B observes
higher rise in the hydraulic performance parameters
(9.11% H and 8.93% n) at 1000 rpm for Q.
condition. Further, the performance of both the
models were enhanced as the flow rate varies from
Qmax 10 Qpgp 10 Qypin- These can be mainly due to
the decrement in recirculation area than the boundary
layer thickness resulting in reduction in L, at higher
rpom. Also, flow filed analysis supports these
phenomena through increment in pressure and
decrement in velocity from impeller outlet to volute
outlet region.

The strong agreement between the experimental and
CFD results of the current research activity regarding
the pump's hydraulic performances suggests that the
suggested Model B can capture most of the spatial
flow pattern in the test pump and improvement in
hydraulic parameters.

Although, the current research focuses on
improvement in lower N, centrifugal pump
performance, other types of pumps needed to be
explored and compared with reduced C,, . Also,
other possibilities such as variation in design of
impeller, back cover plate, more polished and
smooth surfaces to reduce the L, using different
working fluids can be researched.

In conclusion, this study can serve as a useful guide
for comprehending, evaluating, and managing the
mechanisms underlying the intricate phenomena
occurring in clearance flow in lower N, centrifugal
pumps, particularly when they are running at low flow
rates and higher speed. This design advances beyond
theoretical or computational approaches by offering a
straightforward modification that can be retrofitted into
existing pump systems. The approach not only enhances
pump efficiency and head performance but also addresses
real-world challenges in energy efficiency. With
centrifugal pumps consuming a significant portion of
global electricity, this innovation has the potential to
create substantial energy savings and reduce greenhouse
gas emissions, especially in industrial, municipal, and
agricultural applications. Its scalability and impact make
it a transformative step in pump system optimization.
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